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Abstract: Torsional vibrations on the propulsion drive train of a ship due
to harmonic loads are thoroughly analyzed by classification societies. During
operation however the drive train is subjected to transient loads and the mass-
elastic system interacts with the speed controller. Here we derive a smart reduced
model of the ship propulsion system capable of revealing the low frequent dynamics
which dominate the transient response. A possible approach to counter the damage
caused by transient loads, is the attachment of a vibration absorber. The simplified
model allows us to check the feasibility of this approach.Copyright c©2007 IFAC
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1. INTRODUCTION
The drive train of a ship is a complex assem-
bly of a diesel engine, a generator, a propeller,
transmission gears, clutches, steel shafts, flexible
couplings...A torsional vibration is an oscillatory
twisting of these elements superimposed on the
steady state rotational motion. The modelling of
a torsional mass-elastic system is a difficult task.
The various components must be described in
terms of inertias elastically connected with each
other. The techniques to do so are well known
(Vance, 1988), (Adams, 2001), (Wilson, 1942).
The modelling process results in a finite element
model:
MmΘ¨m +CmΘ˙m +KmΘm = Tm (1)
This type of model is used in the torsional vi-
bration calculation (TVC) to be approved by the
classification society. Based on the expected ex-
citations of the diesel engine, the propeller, the
pump, the gears..., calculations are made in the
frequency domain to find out if resonance con-
ditions are present (Harris and Piersol, 2001).
When well designed, no excessive vibrations due
to harmonic loads should occur. This analysis does
not take into account the presence of transient
loads nor the effect of the speed controller. Based
on the nonuniform inertia and elasticity properties
of the ship propulsion system we derive a model
reduction technique capable of analyzing the tran-
sient response (Section 2). In Section 3 we discuss
how this model can be refined. Section 4 explains
why the speed controller is not capable of damping
the vibration modes excited by suddenly applied
loads. In Section 5 we discuss a possible approach
to counter transient vibrations: the vibration ab-
sorber. Finally an example is given in Section 6.
2. MODEL REDUCTION
The drive train of a large ship is an assembly of
shafts rotating at different speeds. The alignment
of the shafts is provided by flexible couplings.
The stiffness of those flexible couplings is much
lower than the stiffness of the steel parts. As a
consequence, the lowest eigenfrequencies of the
complete finite element model will be much lower
than the lowest eigenfrequencies of the shafts sep-
arately. The transient behaviour of the drive train
will be dominated by those low eigenfrequencies.
Using the dynamic properties of the flexible cou-
plings, a simple model is derived that gives a good
estimate of the low frequent behaviour of the drive
train. Let r−1 be the number of elastic couplings
in the drive train. We derive an undamped model
of dimension r, i.e. the number of elastic couplings
plus one and use this model to estimate the elastic
eigenfrequencies ω2, . . . , ωr. The lowest eigenfre-
quency (ω1 = 0) corresponds to the rigid body
movement where all inertias rotate at the nominal
speed and do not twist against each other. During
the reduction technique the following steps are
carried out:
(1) All parameters, i.e. inertias m and stiffnesses
k are referred to the nominal speed of the
shaft that contains the diesel engine. There-
for we calculate the equivalent stiffness keq
and the equivalent inertia meq of all param-
eters as follows :
(meq, keq) =
(
speed shaft
speed diesel
)2
× (m, k)
(2) A flexible coupling consists of different seg-
ments. We reduce every flexible coupling to
an element with two inertias Mp(1, 1) and
Mp(2, 2) connected via a massless spring
kte = Kp(1, 1) by using a static reduc-
tion technique introduced by Guyan (Guyan,
1965). Fig. 1 illustrates the procedure for a
coupling with two segments with torsional
stiffnesses kt1 and kt2 and inertias mC1 ,
mC2 and mC3 . First the general principles
of Guyan reduction are illustrated, then the
technique is applied to the flexible coupling.
In static reduction the degrees of freedom
mC1 mC2 mC3
kt1 kt2
Mp(1, 1) Mp(2, 2)
kte
Fig. 1. Reduction of a flexible coupling
of the full model are subdivided into pri-
mary and secondary degrees of freedom. The
primary degrees of freedom θp are retained
while the secondary degrees of freedom θs are
eliminated by looking at the static deforma-
tion. Consider the equations of motion of an
undamped model:
MnΘ¨n +KnΘn = Tn
Choosing a set of primary and secondary
degrees of freedom yields:[
Mpp 0
0 Mss
] [
Θ¨p
Θ¨s
]
+
[
Kpp Kps
Ksp Kss
] [
Θp
Θs
]
=
[
Tpp
0
]
(2)
Subscripts p and s correspond to the primary
and secondary degrees of freedom with p +
s = n. It is assumed no force is applied to
the secondary degrees of freedom. Static re-
duction implies that the inertia forces of the
secondary degrees of freedom are neglected,
or:
KspΘp +KssΘs = 0 ⇒ Θs = SdΘp (3)
where Sd = −Kss
−1Ksp. The transforma-
tion matrix Sf describes the static transfor-
mation between the degrees of freedom of
the full model and the primary degrees of
freedom:[
Θp
Θs
]
=
[
I
−Kss
−1Ksp
] [
Θp
]
= Sf
[
Θp
]
(4)
A reduced model can now be obtained with
mass and stiffness matricesMp, Kp ∈ R
p×p:
Mp = Sf
TMnSf Kp = Sf
TKnSf (5)
where p < n is the number of primary degrees
of freedom. In order to apply the Guyan
reduction to the flexible coupling we consider
it as a subsystem with n elements decoupled
from the rest of the drive train (Figure 2).
We choose both ends of the coupling as the
primary degrees of freedom (p = 2). The
secondary coordinates (s = n−2) in between
are condensed out. According to equation
}
Coupling
...... ...
primary DOF
Fig. 2. Reduction of a flexible coupling
(5) we end up with a reduced model for
the flexible coupling with mass and stiffness
matrices Mp and Kp of dimension 2 × 2.
Notice that the equivalent spring constant
kte = Kp(1, 1) of the reduced coupling is a
series connection of all stiffnesses between the
first and the last segment. As the off diagonal
elements of Mp have small impact on the
eigenfrequencies, they are neglected. Doing
so, the reduced mass matrix of the full system
remains diagonal.
(3) All inertias between two flexible couplings
are joined in one block (Figure 5). This
means that the twist of the elastic modes is
neglected between any two rotors which are
not connected via a flexible coupling.
The result of the reduction process is an un-
damped model of dimension r, where r equals the
number of flexible couplings plus one :
MrΘ¨r +KrΘr = Tr (6)
where Mr,Kr ∈ R
r×r and Θr,Tr ∈ R
r. Mr =
Mr
T is a diagonal matrix. Each diagonal element
Mr(l, l), 1 ≤ l ≤ r corresponds to a block of
added inertias. Kr = Kr
T contains the elastic
connections between the blocks and is positive
semi-definite. Θr is the rotation angle of the
blocks in between the flexible couplings. We solve
the eigenvalue problem:
det(Kr −Mrω
2) = 0 ⇒ ωˆj ; j = 1 . . . r (7)
(Kr −Mrωˆ
2
j )eˆj = 0⇒ eˆj ∈ R
r ; j = 1 . . . r(8)
The resulting values ωˆj , j = 2 . . . r are close
estimates of the exact elastic eigenfrequencies
ωj ; j = 2 . . . r, ωˆ1 = ω1 = 0. Note that (6) can
be derived by an operator based on the technical
drawings of the shaftline.
3. SENSITIVITY STUDY
Our main concern is to evaluate the accuracy
of the estimates ωˆj , j = 2 . . . r. In our model
reduction we assumed every connection besides
the flexible couplings to be rigid. We search for
the most critical element in the drive train, i.e. the
element that violates the most this assumption.
The drive train of a ship propulsion system has
nonuniform inertia- and stiffness properties. The
diesel engine provides the power to rotate all
shafts. Every shaft is at one end directly or
indirectly connected with the diesel engine. The
other end of the shaft, in what follows called
the free end, normally bears an important rotor.
Important in the sense of the functionality of
the rotor (propeller, sand pump, . . . ), but also
important in the modelling process as the mass
moment of inertiamre of such a rotor is often high
and the steel parts (with stiffness kre) connecting
it to neighbouring rotors (clutch, gearbox) can be
long, thus reducing kre .
Due to a lower ratio
kre
mre
compared to the other
elements in the drive train, these free end rotors
are important candidates to extend and improve
our model. To understand this we extend the
reduced model given in (6) with one degree of
freedom θre, i.e. one of the free end rotors is
decoupled from his block (Fig. 3). This means the
dimension of mass- and stiffness matricesMr and
Kr is changed to R
(r+1)×(r+1). The new vibration
mr mre mr −mre
θr θre θr
kre
Fig. 3. Model extension
shape near θre is given by an extra equation in (8)
:
−kreθr + (kre −mreω
2)θre = 0 (9)
In the reduced model we assumed a rigid connec-
tion between the free end rotor and the rest of the
drive train. In other words:
θre
θr
=
kre
(kre −mreω2)
= 1 (10)
This assumption will certainly be justified if the
ratio
ω2mre
kre
≪ 1 (11)
for all estimated eigenvalues, i.e. for all values
ωˆj , j = 1 . . . r. We use the ratio given in (11) as
a first indication for the accuracy of our model.
We calculate this ratio for all free end rotors
of the complete finite element model. A large
ratio indicates that we can improve our model by
extending it with the free end rotor. Doing so the
equations of motion read :
Mr+1Θ¨r+1 +Kr+1Θr+1 = Tr+1 (12)
Mr+1,Kr+1 ∈ R
(r+1)×(r+1) and Θr+1,Tr+1 ∈
Rr+1
4. GOVERNOR INTERACTION
Transient loads arise for example at engine startup,
by random cylinder misfiring and while engaging
and disengaging the propeller and the pump. Us-
ing modal analysis the response to an impulse
with intensity TmI can be decoupled into terms
of the form:
ek(c)
1
ωk
sin(ωkt) ek
T (b) TmI (13)
Each term corresponds to an eigenfrequency ωk,
ek is the corresponding eigenvector. ek(i) is com-
ponent i of eigenvector ek.b stands for the location
of excitation (input), c for the output location.
Notice that (13) is proportional with 1
ωk
. There-
fore the transient behaviour will be dominated by
the lowest eigenfrequencies. This means we can
analyze the qualitative transient response of the
ship propulsion system with the reduced model
(6).
This analysis is not complete if we do not take
into account the interaction of the speed controller
with the mass-elastic system. We assume collo-
cated control. This means that the speed pick-up
(sensor) is located at the diesel engine (actuator).
We restrict ourself to proportional control (with
gain Kprop) of the speed to illustrate the basic
ideas. The simplified scheme of the speed control
loop is shown on Fig.4. We analyze the effect
of the controller with the root locus technique,
i.e. we study the shift of the closed loop poles if
the proportional gain of the controller is varied
from 0 till ∞. Fig. 5 shows the several branches
corresponding to the different eigenfrequencies of
the reduced model (6). We notice one branch on
the real axis. This corresponds to the first order
-+Setpoint Error
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Fig. 4. Control loop
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Fig. 5. Root locus with proportional controller
behaviour of the nominal mode introduced by
the controller. This mode will dominate the step
response and will be used to tune the controller.
The other loops are small loops entering the left
half plane as Kprop increases and returning to
the imaginary axis for Kprop → ∞. It seems the
controller is not capable of damping the elastic
modes excited by suddenly applied loads. Intro-
ducing I-action and D-action in the controller will
change the branch on the real axis of the root
locus, but will not change the damping capacities
of the controller w.r.t. the elastic modes (Petit and
Loccufier, 2006).
5. VIBRATION ABSORBER
We study the possibility of damping the elas-
tic modes by attaching an extra passive sys-
tem to the main propulsion drive system. The
simplest passive system is a vibration absorber.
Vibration absorbers are common use in a wide
range of engineering applications (Koronev and
Reznikov, 1993). Although it is most effective
for reducing vibration amplitudes arising from
periodic excitations, we will study the effect the
absorber has on the vibration amplitudes caused
by transient loads. First the basic principles of a
vibration absorber are explained in steady state
conditions. Then we discuss how to design the
absorber for transient conditions.
5.1 Periodic excitations
Consider a single degree of freedom system
(SDOF) excited by a harmonic load with fre-
quency ωa. To reduce vibrations of the main
structure we attach a passive element, i.e. the
vibration absorber. Basically the absorber con-
sists of an inertia (mh) connected at a certain
location to the structure with springs (kh) and
dampers (ch)(Fig. 6). The founders of this tech-
nique are Frahm (Frahm, 1911) and Den Hartog
(Den Hartog, 1956). Although the absorber can
reduce vibrations at any excitation frequency, it is
most efficient in resonance conditions. This means
the excitation frequency ωa equals one of the
eigenfrequencies ωi of the propulsion system. A
vibration absorber tuned to this eigenfrequency
ωi, i.e. ωh =
√
kh
mh
= ωi greatly reduces the
vibration amplitude over a wide frequency band.
Fig. 7 shows the vibration amplitude for different
values of the damping factor ζ. One can notice
two points (A and B) which are independent of
the damping factor ζ. Balancing the vibration
amplitudes of these invariant points leads to the
well known formulas:
αopt =
1
1 + µ
; ζopt =
√
µ
2(1 + µ)
(14)
with α = ωh
ωa
and µ = mh
m
. Equation (14) gives the
optimum absorber parameters for an undamped
single degree of freedom (SDOF) system excited
by a harmonic force. The absorber is tuned to the
eigenfrequency ωi of the main system. When the
main system is a multi degree of freedom (MDOF)
system such as the drive train of a ship, two
important differences affect the optimum absorber
design. First of all, the influence of neighbouring
vibration modes becomes important. Second, the
spatial location of the absorber is an extra pa-
rameter in the design. A great deal of research
has been done to find the optimum parameters
of the absorber for the MDOF system (Rade and
Valder, 2000). Recently, the design proposed by
Den Hartog for a SDOF system is extended to
MDOF systems (Ozer and Royston, 2005). It is
shown that invariant points also exist when the
main system is an undamped MDOF system.
Given a certain location of the main system, the
optimum absorber parameters are found by bal-
ancing the vibration amplitudes of these invariant
points. The question remains where to physically
attach the absorber. In a first approximation the
eigenvector corresponding with eigenfrequency ωi
is used. The location with the highest activity for
that mode is considered as the optimum location.
In (Vethecan and Subic, 2002) this topic is dis-
cussed more thoroughly.
X1
chkh
mh
x0 exp(jωat)
Structure
Fig. 6. Translational equivalent of a torsional
vibration absorber.
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Fig. 7. Attaching a vibration absorber reduces the
vibration amplitude near frequency ωa.
5.2 Transient conditions
The use of vibration absorbers to cope with pe-
riodic excitations is studied for over a hundred
years. Recently research is developed in the use
of absorbers for transient conditions (Walsh and
Lamancusa, 1992). There are important differ-
ences in the design of the absorber. When dealing
with periodic excitations the vibration absorber is
tuned to a single mode. This becomes more com-
plicated when designing the absorber to counter
transient effects. This can be seen from equation
(13) where different modes contribute to the re-
sponse of a transient load. This means optimum
tuning frequency and location of the absorber are
difficult to find. A first approximation would be
to tune the absorber to a single mode. As the
response is proportional to 1
ωk
an obvious choice
seems the lowest eigenfrequency. The optimal lo-
cation remains the same as in the periodic exci-
tation case. This approach is not valid any more
when the eigenfrequencies are closely spaced. As
a consequence finding the optimum tuning fre-
quency and location for the absorber is quite a
challenge. While for the optimal location we could
restrict ourself to the mode activity of a single
mode in the periodic excitation case, we now have
to consider the mode activity of multiple modes.
We search for the location v with the highest
equivalent mode activity aeq taking into account
values of both eigenvector and eigenvalue for the
lowest r modes:
aeq =
r∑
i=2
|ei(v)|
ωi
(15)
We tune the absorber to the eigenfrequency that
contributes the most in aeq. The use of these
design principles are illustrated in the example
given in section 6. Besides the use of a simple
vibration absorber other configurations can be
investigated. Since multiple modes are excited
the use of more complex (multidimensional) pas-
sive systems can be studied. Other research fo-
Engine(5 cyl)
Generator
Elastic couplings Propeller
Gearbox
Elastic coupling
Flywheel
Clutch
Pump
Fig. 8. Model of a ship propulsion system
cuses on adaptable vibration absorbers (Walsh
and Lamancusa, 1992). This will however not be
considered in this article.
6. EXAMPLE
Figure 5 shows a finite element model of a ship
propulsion system with 20 degrees of freedom
(DOF). The drive train consists of 3 flexible cou-
plings combining 4 parts rotating at a different
speed. The part on the left of the engine holding
the pump is not shown. Every inertia is connected
to other inertias through stiffness elements. Ac-
cording to Section 2 a reduced model is obtained
with 4 degrees of freedom corresponding with 4
blocks drawn in Figure 8 (part of the pump holds
one block). Here the most critical free end rotor
as explained in Section 3 is the propeller as can
be seen from the ratio
mre
kre
ω24 . Table 1 shows this
ratio for every free end rotor. We extend our re-
duced model with one degree of freedom to obtain
a model with 5 degrees of freedom. As can be
seen in Table 2 the eigenfrequencies of the reduced
model are close estimates of the exact ones. Now
the reduced model is used to design a passive
system to cope with suddenly applied loads. We
consider two transient conditions. One is a step
change in the speed of the diesel engine. The other
engaging of the dredge pump. We try to reduce the
vibration amplitudes near the main elastic cou-
pling, i.e. the coupling between engine and gear
box. As discussed in Section 5, we calculate the
equivalent mode activity for each possible location
of the absorber. We can see that aeq is the highest
for the generator (Table 3). As can be seen from
the modal matrix given in Table 4 ω3 contributes
the most to aeq. We tune the absorber to this
frequency. The absorber configuration is given in
Table 5. The inertia is about 10 % of the generator
inertia. Figure 9 shows the reduction the absorber
Table 1.
mre
kre
ω24 for different free end
rotors
Free end rotor propeller generator pump
mre
kre
ω2
4
0.3843 0.06 0.001
Table 2. Exact eigenfrequencies of the
FEM model compared with the esti-
mates
eigenfrequency exact( rad
s
) estimate( rad
s
) error (%)
ω1 0 0 0
ω2 9.6 9.47 1.37
ω3 14.89 15.41 3.49
ω4 20.89 21.86 4.64
Table 3. Equivalent mode activity aeq
for the different parts of the drive train
Part pump diesel propeller generator
aeq 0.0016 0.0011 0.0017 0.0029
Table 4. Modal matrix
location ω1 ω2 ω3 ω4
pump 0.0089 -0.0104 0.0056 -0.0025
diesel 0.0089 0 -0.0092 0.0115
propeller 0.0089 0.0069 -0.0067 -0.0122
generator 0.0089 0.0148 0.0162 0.0061
Table 5. Absorber parameters
mh (kgm
2 ) kh (
Nm
rad
) ch (
Nms
rad
) ωh (
rad
s
)
300 6346 1533 14.54
can obtain on the vibration amplitude caused by a
step in the speed of the diesel engine, while Figure
10 shows the obtained reduction when engaging
the pump. For the system without absorber, one
can see clear that the transient vibrations are
much lower for a diesel excitation compared to
a pump excitation. This is due to the fact that
the speed pick-up is located at the diesel engine.
Therefore the absorber is more effective in reduc-
ing the vibrations caused by engaging the pump.
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Fig. 9. Reduction of vibrations caused by step of
engine’s speed with absorber.
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Fig. 10. Reduction of vibrations caused by engag-
ing pump with absorber.
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